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This paper discusses the model validation and vibration suppression of an AMB flexible rotor 

via additional LQG controller. The main difficulty in the vibration suppression of the flexible 

rotor using AMB is to realize a controller that can minimize resonance without injuring the 

stabilized rigid modes. In order to solve this problem, simple scheme for system modeling and 

controller design are developed. Firstly, the AMB flexible rotor is stabilized with a PID 

controller, which leads to a new stable rotor-bearing system. Then, authors propose the model 

validation procedure using measured open-loop frequency responses to obtain an accurate 

model of the AMB flexible rotor system. After that, LQG controller with modal weighting is 

designed to suppress resonances of the stable rotor-bearing system. Due to the poor 

controllability and observability of flexible modes compared to rigid ones, balancing of two 

Gramians is prerequisite for the fair LQG controller design. Simulation with step disturbance 

and experimental results of unbalance response up to 10,000 rpm verified the effectiveness of the 

proposed scheme. 
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I. Introduction 

The vibration problems in flexible rotor-bear- 

ing systems have been gaining interest in turbo 

machinery industry. It is essential to guarantee 

smooth and efficient running in such rotor bear- 

ing systems because large vibration amplitude of 

a rotor may cause severe damages and even failure 

of the whole system. Moreover, vibration problem 

becomes more severe since recent manufacturers 

are likely to increase the operating speed. The 

conventional elements such as passive damper 

were inefficient in that they are additional ele- 

ments other than bearings and cannot cope with 

several critical speeds at the same time. 

Active magnetic bearings (AMB) can adjust 

dynamic characteristic of bearing and suppress 

the vibration through active control. Many works 

during the last few decades made it clear the great 

applicability of AMB as both bearing element 

and vibration suppressor (Schweitzer et al., 1994 ; 

Lee and Kim, 1992). Since Nonami (Nonami, 

1985) and Salm (Salm, 1988) considered the com- 

plete active suspension of an AMB flexible rotor, 

many researchers have investigated the charac- 

teristics of AMB flexible rotor systems and 

suggested various control schemes for both stable 

levitation and vibration suppression. Okada et al. 

(Okada et al., 1997) used locally parameterized 

modal PD controller with the addition of H~ 

controller in order to minimize the resonance and 

to overcome spillover effects. 

AMB flexible rotor has difficulties in a stable 

operation compared to AMB rigid rotor, since 

they contain lightly damped flexible modes as 

well as unstable rigid modes. The main objective 

of this paper is therefore to realize a controller 

that can suppress resonance peak effectively with- 

out injuring the stabilized rigid modes. Recently, 

Nonami and Ito (Nonami and Ito, 1994), Schon- 

hoff et al. (Schonhoff et al., 2000) and some other 

researchers have been trying to find a solution of 

this problem via recently developed ,u synthesis. 

However, satisfactory results in AMB flexible 

rotor have not been found yet. 

In addition, the equation of magnetic force is 

intrinsically nonlinear and the approximate linear 

model near an operating point is mostly used to 

control an AMB system. So far, the identifications 

of AMB systems have been performed to get the 

experimental values of physical parameters ac- 

curately, which were usually the current gain and 

open-loop stiffness of AMB or open-loop system 

poles (Ha and Lee, 1997; Kim and Lee, 1998). 

Although the identification of the parameters is 

important, validation of augmented whole system 

is needed with measured overall open-loop fre- 

quency responses including all time delay com- 

ponents such as sensor, power amplifier and 

discretization dynamics. 

This paper discusses the model validation and 

vibration suppression of AMB flexible rotor via 

additional LQG controller. Firstly, theoretical 

rotor model is obtained with FEM and is cor- 

rected through impulse test. The AMB flexible 

rotor is stabilized with a PID controller, which 

leads to a new stable rotor-bearing system. The 

whole system model is validated by measuring the 

open-loop frequency responses including AMB 

and time delay components. An additional LQG 

controller with modal weighting is designed to 

suppress the resonances. Simulation with step 
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disturbance and experimental results of unbalance 

response up to 10,000 rpm verified the effective- 

ness of the proposed scheme. 

2. M o d e l i n g  

2.1 Modal analysis 
The system used in this work is composed of 

one mid-span disc for unbalance mass, two AMB 

rotors, and a flexible coupling as shown in Fig. 1. 

Two AMB rotors are assembled with power lock, 

which gives us a similar effect of interference fit 

with axial bolting. 

A general representation of the flexible rotor 

system using finite element method results in the 

standard equation of motion as follows 

M~I'+ ( C +G(w) ) q+ K q = f  (1) 

where M, C, G(w) and K denote mass, damping, 

gyroscopic and stiffness matrices, and q and f 

represent displacement and external force vector, 

respectively. External force term related to AMB 

can be expressed with linearized electromagnetic 

force equation as Eq. (2). 

f=Kxq +Kd (2) 

where Kx and K~ indicate open-loop stiffness 

matrix and current gain matrix of AMB, respec- 

tively. Although the magnetic force equation is 

nonlinear over the full operation range, the 

mathematical model can be approximated as the 

linear one near an operating point and this linear 

model is used in most AMB applications. While 

the force-current relationship is linear near the 

operating point, the force displacement relation- 

ship doesn't show good linearity and the open 

loop stiffness Kx is quite sensitive to small 

variations in operating point. The problem is that 

the open-loop stiffness is the key parameter that 

governs the unstable real poles of AMB system. 

Therefore, identification of AMB systems typic- 

ally has focused on obtaining accurate values of 

the current gain and open-loop stiffness. 

If we neglect frequency dependent gyroscopic 

effect considering the relatively small operation 

range, i.e. below 10,000 rpm, we can decouple the 

whole system into two decoupled systems with 

two inputs and two outputs. Accordingly, Eq. (1) 

can be transformed into the modal coordinate of 

Eq. (3), and corresponding state-space represen- 

tation of the decoupled system is given by Eq. 

(4). 

~ + 2~w~ + w2~=~-lKii (3) 

° , 0 
DI x +I~-XKil i (4) 

y = [ ~  0Ix 

where x [ ~  ~1 r, ~ denotes the generalized 

right eigenvector matrix of K-Kx, M~2=diag 
( I - w ~  - w ~  w}l "" w}nl), and D=2.diag 
(I gr~Orl ~,~0~,~ g1~CO~, "" glnCO~ I). 

The state-space representation of Eq. (4) con- 

structs the transfer function matrix G(s)=C 
( s I - A ) - ~ B  of which each element can be 

rewritten as a sum of second order systems : 

2 Rrj 
G(s) = ~  

(5) 
+ ~ .  R z  

The first term indicates unstable rigid modes, 

and the second term represents lightly damped 

flexible modes. The pole-zero configuration of 

this transfer function is given in Fig. 2. The four 

* : Nodes for FEM Model 
mass 2 Flexible 

mass 1 ~ 19" mass 3 Coupling 
- . . . . .   ' iil 
I 2 j II 12 ~ 14• 15 90 ~I ~9 4 ' ~ 1 0  2 3 ~ 2 8  31 

I~ 16 17 
Senl ......jr ~"-AMBI AMB2----" ~'-Sen2 

Fig. 1 Schematic of the rotor bearing system 
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Fig. 2 Pole-zero configuration 
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real poles indicate the two rigid modes while 

complex poles represent lightly damped bending 

modes• In case of an AMB rigid rotor, complex 

poles are very far from real axis compared to real 

poles and their effects can be negligible in the 

low frequency range where the real poles are 

dominant. Therefore, the real and complex poles 

of the AMB rigid rotor can be identified separa- 

tely in low and high frequency range, respectively 

(Ahn, 2001). However, in case of an AMB flex- 

ible rotor, the effects of real and complex poles 

cannot be separated and it is very difficult to 

identify an AMB flexible rotor system (Gahler 

and Mohler, 1996). 

In this work, commercial FEM package R O -  

D A P  (D&M, 2000) is used to construct the state 

space model of the rotor, and ten modes (two 

rigid and eight flexible modes) are considered. 

2.2 Experimental impulse test 
In order to match FEM model with the actual 

rotor, impulse test is performed. Totally eleven 

nodal points are selected considering the sensor 

and bearing locations. The frequency responses 

are measured with HP dynamic analyzer 35670A, 

Kistler impulse hammer 9904A, and accelerome- 

ter 8462A. The appropriate collection of impulse 

test results in a 3D plot as shown in Fig. 3, which 

gives the insight of the modal characteristic of the 

flexible rotor. The 3D plot of FRF up to 800 Hz, 

approximately above 4 th bending mode, is illu- 

Table 1 Natural frequencies of impulse test and 
FEM model 

Impulse Test 
~ ~ .  (Hz) FEM (Hz) 

I sh 75 73 

2 nd 251 247 

3 ra 376 372 

4t~ 611 62l 

~nt .mac 
2rid mode 

t,h mode 

~' lu ,uxk r 

r 

4~ap 

b'requenr) ( i l l )  o 

Fig. 3 Impulse response of the rotor 

.a~L 

strated in Fig. 3. The result of the impulse test is 

mainly used to determine the effective bending 

diameter at locations of the AMB rotors. Com- 

parisons between resulting natural frequencies of 

FEM model and impulse test are given in Table 1. 

2.3 Model validation with open-loop FRF 

measurement 
Firstly, the AMB flexible rotor is stabilized 

with a PID controller, which leads to a new stable 

rotor-bearing system. Then, open-loop frequency 

response functions of the stable rotor bearing 

system are measured with following procedure. 

The closed-loop response vectors u and y due 

to the excitation f are measured to estimate the 

non-parametric frequency response function 

(FRF) of the open-loop plant. The frequency 

spectra vectors of input and output signals are 
U(0(J0)) {~C rig×l, Y¢ "~ ( ] CO ) ~ C "~' x t , i = l , 2, . . . ,  

Nexp. Here, n u ,  n y  is the number of inputs and 

outputs, and Nexp is the number of experiments, 

respectively. Defining the input/output data ma- 

trices at the frequency w as 
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Y (jca) = [ y m  ( jw)  yt2) (j¢o)"" y(~Cexp, (jco) ] r (6) 
C ny×Nexp 

U (jo)) = [ U m (jta) U <2) (joo) "" U <sexp' (jco) ] r (7) 
E C nuxNexp 

Then non-parametr ic  transfer function matrix 
of open- loop  plant G ( J c o ) E C  ny×nu can be 

obtained by following equation (Pintelon et al., 

1998). 

G (jco) = Y( jco)  U(jco) ÷ (8) 

Here superscript + denotes the Moore-Penrose 

pseudo-inverse. 

The 11,000 data with 10kHz sampling fre- 

quency are captured to calculate the F F T  of input 

and output signals. Data of  initial 0.2 sec (2,000 

data) is discarded in order to exclude the transi- 

ent vibration and time delay of  0.4 sec (4,000 

data) between each excitation is introduced to 

reduce the effect of the previous excitation. Four 

control inputs and four actuator outputs are 

measured in one excitation frequency. Also 

sinusoidal excitations are applied to the system 

four times at each frequency starting from 0.9 to 

721 Hz by about 0.9 Hz step, which corresponds 

to 800 frequency points. 

The measured open- loop  F R F  of  the system 

are shown in Fig. 5. Each row represents the 

position of each sensor where the output is mea- 

sured, and each column corresponds to the posi- 

tion of each magnetic actuator where the ex- 

citation signal is applied. Note that 2 ×2 F R F  is 

not symmetric on its diagonal because of non- 

collocation of  sensor and actuator. There are 

several mismatches between theoretical and mea- 

sured F R F  including DC gain, rol l -off  rate, 

phase lag and modal  parameters of flexible poles. 

in addition, since the frequency spectra vectors of  

Fig. 4 

v0a~ YOa,) 

System block diagram for open-loop plant 
FRF] 

input and output signals are measured in the 

digital controller, the several time delay com- 

ponents including zero order hold, computational 

time delay, sensor and actuator dynamics are 

included in the estimated plant. Therefore, there is 

a big phase difference between measured and 

theoretical F R F  due to time delay components as 

shown in Fig. 5. The advantage of  including the 

time delay components is that the non-minimum 

phase nature of delayed plant manifests itself at 

controller design stage so that the resulting digital 

controller compensates for the time delay com- 

ponents. However, there are fundamental limi- 

tations in achievable control performance of the 

non-minimum phase plant. (Lewis, 1992) 

The open- loop stiffness kx is related to the roll 

off rate of  open- loop  F R F  and the current gain k; 

contributes to the DC gain. Usually, kx and hi 

10 2 ~ G l l  
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( l i t /  

10 ° i 
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G12 

10° ~ ~  
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102 (322 

10°  

10-2[ , , - 
0 200 400 600 

Frequency (Hz) 
(a) Magnitude 

G l l  G12 

100 i 

; o . 

~'1001 ..... I'" - i "100!', i ] ~ ! 1  
j _ /  _ Jl_.~llt 

0 200 400 600 0 200 400 600 
G21 G22 

:, 0iulMI _o . . . . . .  
: 

0 200 400 600 0 200 400 600 
Frequency (Hi:) Frequency (Hz) 

(b) Phase 

Fig. 5 Measured and theoretical open-loop FRF 
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contribute to the most dominant modeling error 

in AMB systems since they are inversely propor- 

tional to the cubic and square of the nominal gap, 

respectively. A small variation of the nominal gap 

or operating point, therefore, could result in 

considerable changes of open-loop stiffness and 

current gain. The phase lag of the open-loop 

FRF results from several time delay components, 

as mentioned before. Based on this information, 

reasonable model validation procedure is shown 

in Fig. 6. Measured and validated FRFs are 

shown in Fig. 7 and two FRFs match very well. 

3. Controller Des ign 

Fig. 6 

I Roll-off rate fitting with Ks [ 

[ r lex lb le , *~ l~  e~iil)rstion [ 

[ Time delay from ph.e ~lope I 
General procedure for model validation 

102 Gt1 G12 

lO 0 i ~ . 

10 0 . 
E 

10 -;z 
0 200 400 600 0 200 400 600 

G21 102 ~ G22 
- 
"0 

100 

r , 
10° ! 

1o-r , , "~_ 0 200 400 600 0 200 400 600 
Frequency (Hz) Frequency (Hz) 
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G l l  G12 

 _,o:iWL& o 
. , ............... 

0 200 400 600 0 200 400 600 
G21 G22 

,oo  . . . . . . . . . . . . .  0fJull t Ili '°:!1 
0 200 400 600 0 200 400 600 

Frequency (Hz) Frequency (Hz} 

(b) Phase 

Measured and corrected open-loop FRF Fig. 7 

A parallel control scheme for the plant sta- 

bilized with a PID control is designed in this 

work instead of complete controller. Figure 8 

shows the block diagram of the overall system 

including the additional LQG controller. The 

LQG control design method is adopted as parallel 

controller since LQG can easily adjust system per- 

formance through selecting appropriate weighting 

function. The direct implementation of a LQG 

control for the original unstable model is very 

difficult for two reasons. Firstly, LQG control 

scheme is very sensitive to the modeling error, 

since there is no guaranteed stability margin in 

LQG control. Secondly, the weighting of flexible 

modes directly affects the unstable rigid modes 

and it is hard to achieve the desired pertbrmance 

of vibration suppression. The stabilization with a 

PID control renders the model qualification for 

LQG control scheme, since an accurate model of 

the flexible rotor was obtained in the previous 

stage. 

The plant stabilized with a PID control shows 

the typical behavior of the rotor that is supported 

by normal bearings, since an AMB with a PD 

controller has the same characteristics as a normal 

bearing modeled by stiffness and damping 

coefficient. Figure 9 illustrates the Campbell dia- 

gram of the stabilized plant. Two asymptotes of 

critical speeds considering the gyroscopic effect 

~ Addlt /onal  

e°ntr:i#i '.~" 

r 
~s) Mint 

Fig. 8 System block diagram for vibration control 
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Table 2 Parameters for LQG control 
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State 
weighting 

O ,  

Control 
weighting 

R,  

LQ parameters Kalman estimator parameters 

Q, = diag (qb q2, "') 
FlS0 150  

q~=Ll50 150.] 

qz=qa=[5500 55~ ] 

q i=  i=3 ,  4, "--10 
0.2 0.2 ' 

 .=I00 Oll 

Process noise 
covariance Q2 

Measurement 
noise 

covariance Rz 
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coupling Gn 

Q e = 1 5 0 × [  1 "'. 1 ] 

F0.05 0 
R =L0 00 1 

Gn=O.7× i  1 ".. 1 ] 
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\ ~-n- \ ,. ~Joic 
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. ~ " .  .. . . . . . . . . .  ~ .... 

5ooo 
.......".......--"" 

% ..... 3~ ~ ~oo 1~oo 
Rotational Speed (q:,m) 

Fig. 9 

15OOO 

Campbell diagram of the plant stabilized 

with PID control 

are shown in Fig. 9. Note that there are three 

critical speeds within operat ion range (below 10, 

000rpm) .  The 1st resonance at 3 ,000rpm 

corresponds to the 1 st bending of  the rotor, and 

the 2 nd and 3 rd ones do to those induced by 

bearing stiffness. The 2 nd and 3 rd resonance fre- 

quencies are slightly different because the flexible 

coupl ing breaks the symmetry of the rotor. 

The plant  stabilized with the PID control  is 

converted into the modal  form through bi 

-o r thonormal  transformation.  Then,  balancing of 

control labi l i ty  and observabili ty Gramians  is 

performed because of the poor  control labi l i ty  and 

observabil i ty of flexible modes compared to those 

of rigid ones. The feedback gain of the LQG 

control is obtained by minimizing the following 

cost function. 

1 f0 ~ T _ r r ~  T_X J L o = y  (Xr( ba*~emod b a z ) z + u r R u ) d t ( 9 )  

where, Qmo,J=-diag(ql, q2, " " )  q i ~ R  2×~, and. 

Z = Tba~'Z is the balanced state vector, ~ is the 

modal  state vector, and Tba~ Tbal  is the similarity 

t ransformation matrix for the balanced realizaion. 

qi means the symmetric 2 × 2  matrix of which 

diagonal  terms contr ibute to the damping  of the 

i m mode and off-diagonal  terms do to the pole 

movement  along the imaginary axis. 

The off-diagonal  terms should not be greater 

than diagonal  terms in order to guarnatee the 

semi-definiteness of weighting function Qmoo. The 

estimator gain matrix is obtained with similar 

weighting matrices. The order of resulting con- 

troller is twenty since we considered ten modes. 

While an accurate modeling is necessary for reli- 

able application,  a low order controller  is re- 

quired for the economic reason. In order to 

preserve the steady-state gain of the controller,  

the balanced t runcat ion is adopted and the order 

of reduced controller  is six. 

4.  S i m u l a t i o n  

Prior to implementing the designed controller,  

s imulat ion with step dis turbance is performed in 

order to see whether the desired performance is 

satisfied or not. A controller  is designed to reduce 
the peaks of the 1 st  and 2 nd modes because the 2 nd 

and 3 rd resonance frequencies are almost identi- 

cal. The parameters for the LQG control are 

shown in Table  2. The I st mode is three times 
more weighted than 2 nd and 3 rd ones since the 1 st 

resonance frequency has bigger vibrat ion ampli-  

tude than 2 nd and 3 rd ones. Parameters related to 
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Kalman filter are chosen so that the poles of  

Ka lman  filter are far enough from those of  LQ 

regulator. In addit ion,  covar iance matrices are 

chosen to have equal  diagonal  values since there 

is no need to focus on a certain resonance. 

The s imulat ion results with step disturbance of  

20 N a t  the plant input are given in Fig. 10. Whi le  

the 1 st resonance frequency means the low fre- 

quency vibrat ion in the step response, the 2 nd 

and 3 rd do the high frequency vibration.  The 

distort ion of  the first peak in case of  the 

uncontrol led PID plant means the vibrat ion 

induced by the 2 nd and 3 ~d resonance frequencies, 

as shown in Fig. 10(a). The responses to the step 

disturbance at the plant input  go to zero due to 

the integral action of  PID controller.  Compar ing  

From U(1) From U(2) 

~ 4ot /^ 4o 
>-,--= 2oi ~'~ 2o /'1 , 

0.00 0.05 0.10 0.15 £ 0.20 0,00 0.05 0.10 0.15 0,20 

~ 8 0  80 "~ 
~oo 5o~ 

~ 4oL ~ 40~' !A 
0 ~ 20 e\ 20: ~ ' / j~  

:~-20 J -20 

0,00 0.05 0.10 0.15 0.20 0.00 0.05 0.10 '0.15 

Time (sec) T i m e  (sec) 

(a) PID only 
From U(1) From U(2) 

12°I , i ' ' 1:: 1 ~  ir '1 

~ - ~ o  ~ ............ 

0 60 0,05 0.10 0.15 0.20 0.00 005 0.10 0.15 

~ v 6 0  60 t i 

O :"~'_ 20 F' 

-2o[ , 
0.00 005 0.~0 0~5 0.200.00 o a5 0.~0 0.~5 

Time (sec) T i m e  (sec)  

(b) Using parallel LQG controller 

Fig. 10 

020 

0.20 

0.20 

Simulation with step disturbance at the 

plant input 

Fig. 10(a) and 10(b),  we can see that vibrat ions 

of  the 2 nd and 3 rd resonance frequencies are 

almost suppressed as well as the I st  r e s o n a n c e  has 

enough damping after inserting the parallel  L Q G  

controller.  However ,  the effect of  vibrat ion sup- 

pression at several resonance frequencies resulted 

in a small increase in the peak value of  step 

disturbance, which means the static stiffness de- 

creases a little bit. 

5. E x p e r i m e n t a l  R e s u l t  

Experimental  setup is constructed by modifying 

the R K 4  rotor  kit (Bently Nevada,  2000) as 

shown in Fig. 1l. Main modif icat ions are for 

the AMB rotors and units. Experiment  setup 

consists of  a flexible shaft with radius of  5 mm 

and length of  600 ram, one mid-span  disk, two 

AMB units, a flexible coupling,  a speed-control -  

led DC servo-motor .  The AMB unit has bu i l t - in  

cylindrical  capacit ive sensor, which can accura- 

tely measure the mot ion of  the geometric center of  

a rotor  (Ahn et al., 2000). The  digital control ler  

is implemented with TMS320C44 DSP control ler  

and 8 channel A D / D A .  The operat ion range of  

the DC motor  is up to 10,000 rpm, and the sam- 

pling frequency of  DSP is 0.1 msec. 

The unbalance response of  the AMB flexible 

rotor  is obtained by L a b V I E W  based moni tor ing  

system as shown in Fig. 12. This system records 

and visualizes the unbalance response according 

to the rotating speed as well as the orbit  shape of  

the rotor  in positions of  three loca t ions :  two 

AMB rotors and midspan unbalance  disk. 

Fig. 11 Experimental setup 
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The  u n b a l a n c e  response  tbr  the ro tor  s tabi l ized 

with a PID cont ro l  is shown  in Fig. 13. Mass I 

and  mass 3 relier to u n b a l a n c e  response  at the 

A M B  rotors,  and  mass 2 indicates  the unba l ance  

response  at the mids pan  disk. We can  see that  

there are the two resonance  peaks in Fig. 13 

because 2 nd resonance  is a lmost  the same as the 

3 rd one, as expected in Fig. 9. In addi t ion ,  the I st 

resonance  due to the bend i ng  mode  of  the ro tor  is 

greater  than  the second and  the th i rd  one  that  are 

induced by the AMB. 

Two  LQG cont ro l le r s  are used in o rde r  to 

invest igate the effect of  the modal  weighting.  The  

first con t ro l l e r  is des igned with weight ing  the I s t  

resonance  frequency only and  the second one is 

designed with weight ing bo th  the I st and  the 2 n¢t 

r esonance  frequencies.  U n b a l a n c e  response  with 

ii 
- - ~  .,.;.; • , . 

'am E :7 
. -  . -  , ;. - ' ; .  

) 

Fig. 12 LabVIEW based monitoring system 

the first con t ro l l e r  is s h o w n  in Fig. 14, and tha t  

with the second one is shown  in Fig. 15. Un-  

ba lance  response  is represented in /tin by the log 

magn i tude  of  the orb i t  radius  of  each mass. Since 

we are ma in ly  interested in the u n b a l a n c e  re- 

sponse  at the resonant  modes,  u n b a l a n c e  res- 

ponses  of  all masses at a low speed (900 rpm) ,  I st 

and 2 "d resonance  frequencies are shown in Tab le  

3. F igure  14 i l lustrates that  the first bend ing  mode  

can be fully suppressed with the first control ler•  

Quant i ta t ive ly ,  the u n b a l a n c e  response  at the I s t  

resonance  peak reduces to the magn i tude  o f  less 

than  10% of tha t  of  the or ig ina l  PID con t ro l l e r  

lbr  all masses. But at the same time, we can notice 
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E 

10 ° 

iO.i 

io: 

I O 

Fig. 14 
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t h e  I st resonance frequency 
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Unbalance response with the weighting of  
both the I st and 2 nd resonance frequencies 
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Controller 

T a b l e  3 Ma 

Modal 
Weighting 

N o  
PID only 

weighting 

PID with I st mode 

LQG 1 only 

PID with I st and 2 nd 

LQG 2 mode 

nitude of unbalance responses at the resonant modes and low speed 

Magnitude of Unbalance Response (/an) 

L o w  

speed 

1 

4 

3 

Mass 1 
I s t  

mode 

230 

10 

32 

2 nd 

mode 

59 

139 

20 

L o w  

speed 

30 

48 

44 

Mass 2 Mass 3 

I st 2 nd Low I st 2 nd 

mode mode speed mode mode 

741 7 3 232 78 

66 4 I1 21 187 

112 4 I 8 r 34 29 

that the minimizat ion of  the I s t  r e s o n a n c e  peak 

resulted in a little increase of  the displacement at 

low speed and the 2 nd resonance peak, which 

indicates that we cannot  fully decouple the modal  

weighting at each mode. 

Figure 15 shows the result of  the second con- 

troller that is designed with weighting both the I st 

and the 2 nd resonance frequencies. We can see that 

both resonance peaks are considerably suppress- 

ed, which makes the rotor operate smoothly up to 

10,000rpm without any serious vibrat ion prob- 

lem. From Table  3, we can notice that the unb- 

alance responses at the I s t  and the 2 nd resonance 

frequencies reduce to the magnitude of  less than 

15% and 35~o of  those o f  the PID control ler  

respectively. It also agrees well with the practical 

aspect of  this flexible rotor system that greater 

resonance suppression is achieved in the midspan 

disk (mass 2) than the other masses. However,  the 

full suppression of  cannot  the I st resonance fre- 

quency can be achieved as in the first controller .  

This suggests again that the modal  weighting 

affects other modes if several modes are consi- 

dered together, in addition, the responses at very 

low frequency range grow compared to those with 

PID control.  This means that we lose static 

stiffness a little, which agree well with the sim- 

ulat ion results as shown Fig. 10. 

6. Conclusion 

Simple procedural  steps for system model ing 

and control ler  design o f  the flexible rotor  AMB 

system are proposed in this paper. Based on the 

measurement o f  the o p e n - l o o p  F R F  of  the sys- 

tem, an accurate model  of  the AMB flexible rotor  

is obtained. With this validated model,  a parallel  

LQG control ler  with modal  weighting is designed 

to reduce the resonance of  the system stabilized 

with a PID control.  Simulat ion and experimental  

result of  unbalance response confirmed the 

effectiveness of  the model  val idat ion and control  

design scheme. Al though weighted modes mutu- 

ally affect other  modes when several modes are 

considered together, the levels of  vibrat ion sup- 

pression in the experimental  results made the 

rotor  operate smoothly within 10,000 rpm without  

being affected by the vibrat ion problems. 
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